A detailed multi-zone thermodynamic simulation has been developed for the direct-injection diesel engine combustion process. For the purpose of predicting heterogeneous-type combustion systems, the model explores the formation of pre-ignition radicals, start of combustion (SOC), and eventual heat release (including oxidation of incomplete combustion products). These mechanisms are predicted based on the conceptual model of Dec, which provides complete descriptions for the evolution of a reacting diesel fuel jet. Six zones are developed to take into account the surrounding bulk gas, liquid-phase fuel, vapor-phase fuel, pre-ignition mixing, fuel-rich combustion products, as well as the diffusion flame combustion products. The predicted cylinder pressures and heat release rates are compared to the experimental measurements from a 4.5 l, inline four-cylinder John Deere diesel engine for a range of operating conditions with different engine speeds and loads, and exhaust gas recirculation levels. Specifically, the engine possessed a compression ratio of 16.6, and had a bore and stroke of 106 and 127 mm. The results suggest that the simulation is not only valid under the conventional combustion condition, but also successfully predicts combustion processes under high exhaust gas recirculation level conditions. In particular, the detailed thermodynamics and characteristics with respect to the combustion process are investigated under different exhaust gas recirculation levels.
Introduction
The direct-injection (DI) diesel engine invented by Rudolf Diesel in 1892 is more efficient than gasoline and steam engines. This is often attributed to its lack of inlet throttling, higher compression ratio and more favorable thermodynamics. Diesel engines, however, suffer from undesirable exhaust emissions, such as nitrogen oxide (NOx) and particle matter (PM) emissions. In recent years, technologies focusing on reducing NOx and PM while improving engine efficiency have been created: after-treatment devices, exhaust gas recirculation (EGR), and new combustion modes. New combustion modes such as homogenous charge compression ignition (HCCI) 1 and premixed charge compression ignition (PCCI) 2 have been implemented to simultaneously reduce the NOx and PM emissions. These combustion models are characterized by low combustion temperatures and reduced heterogeneity of the fuel/air mixture. Unfortunately, these novel combustion modes are accompanied by operating range limits, and increased emissions of both HC and CO. A thorough fundamental understanding of the DI diesel engine combustion process is of particular interest to meet the stringent emission standards with high engine efficiency.
The engine combustion simulation is an important tool to gain fundamental insight into the combustion process, and to offer guidance and framework for interpreting experimental measurements. Various diesel combustion models have been developed and applied over a half century. These models range from simple one-zone, zero-dimensional models for non-linear engine control 3 to sophisticated, complex threedimensional models. 4 The one-zone, zero-dimensional non-linear engine models are capable of engine control and diagnostics due to their 'real time' ability. The solutions used to model the engine combustion process are generally non-predictive and also lack 'local' information in the combustion chamber. On the other hand, three-dimensional engine models utilizing computational fluid dynamics (CFD) simulation involving complex temporal and spatial resolution. These CFD simulations attempt to incorporate more fundamental equations and relationships so as to reduce reliance on empirical data and correlations. The main drawback, however, is the large amount of computing time due to the requirement of completing a large number of iterations. The intermediate, phenomenological multi-zone combustion models bridge the gap between the fast, nonpredictive empirical model and the sophisticated, timeconsuming three-dimensional model. Phenomenological models are able to provide a relatively complete assessment of the fuel jet evolution and combustion process with acceptable computational time. They can describe the influence of different operating conditions (EGR level, load, speed) or injection strategies on the combustion burn rate. Detailed local information helps explain some important characteristics during the combustion process.
The progress of phenomenological models relies heavily on accurate information and knowledge of the fuel spray, fuel/air mixing, auto-ignition, and reaction. Many phenomenological models 5, 6 have been developed based on the 'old' conceptual model. 7, 8 Development of advanced laser-based diagnostics has provided an abundance of new information and important knowledge concerning the reacting diesel fuel jet development. 9 , 10 Dec 11 proposed a conceptual model by combining these results and provided a detailed understanding of the temporal and spatial evolution of a reacting diesel fuel jet. This model has significant differences from previous descriptions and offers fundamental insight and a clear picture of how diesel combustion proceeds. Some researchers are trying to incorporate this information into available models. Maiboom et al. 12 developed a new phenomenological combustion model based on Dec's conceptual model. They were able to predict relatively accurate heat release rate and provide some important local information. This work did not include chemistry and thus was not able to model EGR-incurred low-temperature combustion (LTC) conditions. The accurate prediction of pollutant emissions was also unreachable. Asay 13 and Ebrahimi et al.
14 created a five-zone diesel cycle simulation model with the knowledge of the internal structure of DI diesel fuel jets as well as empirical correlations predicting jet development. This model included all the basic features of diesel combustion. In particular, they extended the chemical equilibrium model with 21 species, which allows the program to solve for problems with local equivalence ratios up to at least 8. The downside of this model was the lack of important submodels such as lift-off length, defined as the distance from the nozzle to the edge of the flame, gas entrainment after combustion (incomplete combustion product oxidation), and allocation of heat transfer. The lack of this information results in some inaccuracy of local thermodynamic properties as well as the heat release rate.
As described above, the use of multi-zone predictive combustion models has a number of advantages, and the proposed conceptual model of DI diesel combustion offers adequate information for researchers to develop more accurate combustion models. The objective of the current work is to develop a relatively complete multizone predictive combustion model with detailed thermodynamics. This model should be able to not only cover the basic features described in the previously developed phenomenological diesel models but also include chemistry, lift-off length, gas entrainment after combustion, and allocation of heat transfer in order to more accurately predict the evolution of diesel fuel jet, offer detailed local thermodynamic information, and provide some fundamental insights of the combustion process. Note that this model is limited to the fuel injection and combustion phase, and the intake, compression, and exhaust processes are not included.
Model description
The detailed model description is presented in this section. The evolution of the diesel jet combustion process is introduced based on Dec's conceptual model. The model includes multiple zones. All zones have the same instantaneous pressure, but each zone has individual temperature and chemical composition. The spray geometry is obtained from the studies of Siebers et al. [15] [16] [17] The empirical ignition delay model, heat transfer, and combustion rates are determined. The combustion products are calculated using a well-developed chemical equilibrium model with 12 species. The first law of thermodynamics, mass balances, and the ideal gas equation are utilized to derive the instantaneous thermodynamic properties such as the gas temperatures, pressures, and volumes.
Model structure and fuel jet evolution description
Dec's conceptual model is applied to construct the model structure and describe the occurrence of DI diesel combustion in the absence of wall interactions and swirl. As shown in Figure 1 , the combustion chamber is divided into six zones: liquid fuel zone, vapor fuel zone, pre-ignition mixing zone, fuel-rich combustion products zone, diffusion flame combustion products zone, and surrounding bulk gas zone. The fuel jet evolution from the start of injection (SOI) up through the end of combustion (EOC) is described in Figure 2 .
A liquid fuel zone is first formed as the fuel jet is injected into the cylinder. The liquid fuel, including droplets and ligaments, covers this zone and a small vapor fuel region begins to develop along the sides of this zone. The fuel evaporation process occurs in a supercritical environment. As the spray reaches the maximum liquid penetration, which is called liquid length, the liquid fuel zone becomes constant, and beyond the liquid length, the entrainment of hot gas into the jet is sufficient to vaporize the fuel. Since the amount of vapor fuel in this zone is small, it is neglected in the present work. The composition of zone 1 is assumed to be only liquid fuel and entrained gas.
Injected fuel continues to penetrate across the chamber beyond the liquid length, and the vapor fuel zone begins to form until the penetration length is beyond the lift-off length. Zone 2 contains all the vapor fuel with well-mixed gas entrained from zone 6. The flame lift-off allows the fuel and air to mix upstream prior to any combustion, and thus significantly influences the combustion and soot emission processes of the diesel fuel jets. The investigation of flame lift-off by Naber and Siebers et al. 15 illustrates that the lift-off length is strongly affected by the cylinder pressure, temperature, oxygen concentration, and injector conditions. For some situations, the lift-off length may be shorter than the liquid length, in which case zone 2 would contain some liquid fuel.
As the penetration of the fuel jet continues, the leading portion is made up of a relatively uniform fuel/air mixture with equivalence ratios ranging from about 2 to 4 ( Figure 2(b) ). With the high cylinder temperature and pressure, auto-ignition begins to occur volumetrically throughout zone 3. The fuel-rich combustion products in zone 4 begin to grow toward both the injector and spray tip, corresponding to the rapid shrinking of pre-ignition mixing zone 3 and continuous fuel jet penetration, respectively. The initial part of the premixed burn consumes the previous well-mixed gas in zone 3 and a large amount of incomplete combustion products are generated at intermediate temperatures (1600-1800K), but the temperature does not reach the stoichiometric flame temperature because a large portion of chemical energy remains in CO and un-oxidized products due to the lack of oxygen. These incomplete combustion products will be oxidized with subsequent gas entrainment into zone 4. The oxidation process is determined by the concentration of oxygen, and the entrainment rate, as well as the cylinder temperature and pressure. Meanwhile, the volumetric soot formation is marked by the start of initially premixed combustion. Zone 3 consists of the unconsumed fuel and gas, and zone 4 is composed of fuel-rich combustion products.
After the initially premixed combustion, a diffusion flame forms at the jet periphery. The onset of the diffusion flame corresponds to the midpoint of the premixed burn spike in the apparent heat release rate. 11 The unconsumed fuel left from the fuel-rich premixed burn as well as the continuous fuel/gas entrained into zone 3 after the SOC burns with an equivalence ratio close to 1.0. The high-temperature diffusion combustion products zone 5 develops. The combustion gradually transitions to a purely mixing-controlled, lifted, turbulent diffusion flame mode. Few studies have sufficient evidence to identify if the subsequent fuel/gas entrainment in zone 3 is correlated to a flame or a mixing process. 18 Although Dec suggested that the fuel entrained into zone 3 after the SOC may first undergo a standing fuelrich premixed flame (with an equivalence ratio of 3 to 5) that creates an almost ideal environment for PM formation just downstream of the lift-off length and later diffusion flame combustion, it is thought that all these fuel and extreme fuel-rich combustion products would convert to completed combustion products promptly after this fuel-rich premixed combustion. This effect on diffusion combustion heat release is actually modest. In this work, zone 3 is only deemed as a pre-ignition mixing zone. The rest of the fuel burns as a mixingcontrolled diffusion flame associated with high flame temperature resulting from stoichiometric combustion. The bulk of the thermal NO production and soot oxidation processes mainly occur in zone 5 due to the high diffusion flame temperature and available source of oxygen.
The defined premixed combustion here differs from the standing fuel-rich partially premixed flame just downstream of the lift-off length. 19, 20 In this work, the premixed combustion is only associated with the volumetric fuel-rich combustion of the well-prepared fuel/ gas mixture at the SOC in zone 3, rather than the hypothesized standing partially premixed flame near the lift-off length, which is assumed to be non-existent here.
The fuel jet evolution after the end of injection has not been well understood in the current studies. Few investigations have been conducted to uncover the spray evolution after the end of injection. For this work, this last portion of injected fuel is assumed to penetrate into the cylinder associated with the gas entrainment similar to the previous fuel parcels, going through the liquid fuel zone, vapor fuel zone, preignition mixing zone, and eventually burning as a diffusion flame. The end of the fuel jet corresponds to the penetration of the last injected fuel. As the end of the fuel jet moves forward, the mass and volume of the liquid fuel zone (zone 1) begins to shrink and vanish when the last fuel penetration is beyond the liquid length, a similar phenomenon will occur in the vapor fuel zone (zone 2) and the pre-ignition mixing zone (zone 3). As shown in Figure 2 (d), after the end of injection, the fuel-rich products keep penetrating throughout the cylinder, associated with the growth of zone 5. Zone 3 shrinks gradually and eventually vanishes when the last fuel parcels burn out as a diffusion flame, and the combustion process is terminated.
Spray model
The spray model is based on Siebers et al., [15] [16] [17] 21 for a typical diesel spray penetration using a constantvolume combustion vessel and common-rail fuel injectors. By examining the effects of ambient gas density, fuel vaporization, oxygen concentration, injection tips parameters, and gas temperature on the vaporizing/ non-vaporizing spray penetration, liquid length, and flame lift-off length, a series of scaling laws have been developed, and a relatively complete, idealized diesel spray penetration model has been proposed regarding the geometry of the fuel spray including the penetration length, spread angle, liquid length, lift-off length, and gas entrainment rate. Since the combustion process is not covered in this spray model, the information is used to only describe the fuel jet evolution prior to the onset of diffusion combustion or upstream of lift-off length after the diffusion flame commences, which will be discussed later.
The penetration correlation is derived based on the fuel mass balance and momentum balance for the nonvaporizing fuel spray. The idealized spray 15 assumes (a) no velocity slip between the injected fuel and the entrained surrounding gas, (b) quasi-steady flow with a uniform growth rate (i.e. a constant spreading angle), and (c) uniform velocity and fuel concentration. The comparison between vaporizing penetration data and this correlation shows that the vaporization reduces or slows penetration as much as 20% at extremely low gas density conditions. However, the reduction becomes smaller for typical diesel gas density and long penetration distances. A more accurate vaporizing fuel spray penetration may be needed for the improvement of this part. The dimensionless penetration time,t, is expressed as a function of the dimensionless penetration distances t ¼s=2 +s ffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffiffi ffi 1 + 16s
The normalization factors t þ and s þ are defined as
with modeled spray angle a, effective nozzle diameter d f , fuel injection velocity U f , and the ratio of fuel density to surrounding gas densityr given by
where c a and c v are the area contraction coefficient and the velocity contraction coefficient, respectively, d 0 is the nozzle orifice diameter, and P f and P avg represent the injection fuel pressure and cylinder average pressure, respectively. According to Naber and Siebers, 15 an accurate inverse penetration correlation to evaluate the nondimensional penetration as a function of the nondimensional time is given bỹ
The spray angle was developed by Siebers 16 using Schlieren technology. The measured spray angle u excludes the unsteady head vortex of the spray (zone 3)
The angle a in the model is related to the 'real' measured angle as shown in equation (10) by equating the density, mass flow, and momentum flow to those of a 'realistic' spray. 15 The value of 0.66 is used based on a best fit of the correlation to the non-vaporizing data tan a ð Þ ¼ 0:66tanðuÞ ð 10Þ
Using the principle of overall momentum balance, the ratio of gas mass flux to the fuel mass flux at any location is expressed as
Furthermore, the scaling law for the liquid length was developed based on the energy balance between the energy entrained from the hot surrounding gas and the injected fuel vaporization process, and the maximum penetration length of liquid fuel was presented as with the specific energy ratio, B, as
where Z f and Z a are the vaporized fuel and ambient gas compressibilities, M f and M a are fuel and ambient gas molecular weights, and h f and h a are the fuel and ambient gas specific enthalpies. The saturation temperature, T s , at the location of liquid length, can be iteratively solved with the knowledge of fuel and gas properties and the initial conditions. P s is the corresponding partial pressure of the vapor fuel. As mentioned above, the flame lift-off length plays a crucial role in the combustion and soot emissions in DI diesel engines. The amount of fuel and air involved in the premixed rich combustion and the initial soot formation depend on the lift-off length. Siebers et al. 17 conducted a series of investigations on the lift-off length under quiescent conditions, and derived the following scaling law for the calculation of lift-off length by using standard no. 2 diesel fuel. In this work, the lift-off length is modeled as where T g and r g are surrounding gas temperature and density, Z st is the stoichiometric fuel mass fraction, and C LO is the empirical coefficient. The fluctuation of liftoff length due to variety of ambient thermodynamic conditions during combustion and instantaneous injection rate during the injection period is ignored in this work. Finally, the injection rate model, which strongly affects the diesel combustion process, needs to be specified. The start and end of injection correspond to the measured opening and closing of the needle lift. The rate of injection is based on the experimental instantaneous injector voltage signals. A varying nozzle area 12 is applied to achieve the best fit. The instantaneous injection mass rate is expressed as
where c d is the discharge coefficient, c d ¼ c a c v and S noz is the nozzle area.
Equilibrium products of combustion
The calculation of the equilibrium products of combustion is based on the work by Olikara and Borman. 22 To introduce the EGR gas into the combustion reaction equation, the overall reaction equation was modified as where x i is the mole of product species i for one mole fuel. r EGR is the mole EGR ratio, which is defined as the mole fraction of exhaust gas present in the intake, the EGR composition is determined by the equilibrium products of combustion at specific equivalence ratio value. 23 X O2;EGR is the oxygen mole fraction of EGR. Figure 3 presents the calculated EGR composition as a function of the fuel/air equivalence ratio with n-heptane as the substituted fuel. In this work, only major species including CO 2 , H 2 O, N 2 , O 2 , CO, and H 2 are considered in the computation of EGR composition.
To solve this problem, there must be 12 equations. The first five equations are the carbon, hydrogen, oxygen, nitrogen, and argon balances, and the rest come from equilibrium reactions. By using the NewtonRaphson method and the Gaussian elimination method, the products can be solved with a proper initial guess close to the correct solution. 22 Note that the equilibrium calculation is limited between 1350°C and 9000°C. In addition, this calculation cannot handle the formation of free carbon. It is limited to an equivalence ratio less than ðn + 0:25m À 0:5lÞ=ð1 + 4:771= ð1 À r EGR Þ Á X O2;EGR Þ=ð0:5n À 0:5lÞ.
Commercial diesel is a complex mixture of various hydrocarbons. It is impossible to know an exact composition of a commercial diesel, thus it is necessary to model it. Both n-heptane and n-dodecane are often used for approximations of actual diesel fuel because their properties are close to commercial fuels. The impact of both fuels on the thermodynamics is actually modest, this will be discussed later.
Ignition delay model and cylinder heat transfer
Based on Heywood's ignition delay description, 23 the ignition delay is defined as the time between start of injection t inj and start of ignition t ign . The overall ignition delay consists of a physical ignition delay, which accounts for the time elapsing for the evaporation of injected fuel, and chemical ignition delay, which represents the chemical kinetics of the ignition process. The physical ignition delay z evap can be modeled with the time needed for the fuel spray to reach the liquid length. The chemical ignition delay z chem is modeled with an Arrhenius-type correlation. F 2=3 and T 2=3 are the average equivalence ratio and temperature of fuel/gas mixture in zone 2 and zone 3. Ignition is considered to occur when the integral of 1/ID from t inj to t ign is equal to 1.0, where ID is the ignition delay.
where
The overall cylinder heat transfer model is based on forced convection. A number of correlations for the instantaneous heat transfer coefficients have been developed. The Hohenberg 24 model is used to calculate the heat transfer coefficient
where V cyl is the cylinder volume and n p is the mean piston speed, C 1 and C 2 are constants with typical values of 130 and 1.4, respectively. The overall heat transfer rate to the cylinder gases is expressed as
The overall heat transfer is derived based on the cylinder averaged temperature and the total surface area (A). To accurately reflect the local information for each zone, it is critical to allocate the total heat transfer to each zone. For this work, the heat transfer in various zones is assumed to be proportional to the individual volume and the temperature difference based on Caton's description. 25 The allocated heat transfer for each zone is expressed as
Combustion rate calculation Different empirical combustion rates have been developed and discussed elsewhere. [25] [26] [27] In this work, the normalized premixed burn rate is calculated by using the widely adopted empirical model developed by Watson. 26 The available gas mass prepared for premixed combustion is the limiting factor _ m f;pre ðtÞ ¼ m a;3;soc F 3;soc =afs Á
where m a;3;soc and F 3;soc represent the well-mixed gas mass and equivalence ratio in zone 3 at the start of combustion. afs is the stoichiometric gas to fuel mass ratio, t norm is the normalized time ranging from 0 to 1. The k p1 and k p2 variables can be correlated for different diesel engines. The values used here are based on Watson's correlation k p1 ¼ 2:0 + 1:25e À 8ðID Á r=minÞ 2:4 and k p2 ¼ 5000 ð24Þ Figure 3 . EGR composition as a function of fuel/air equivalence ratio (n-heptane).
The upper constraint of F 3;soc is set as 2.5. This can have two major explanations: (a) it would fail to obtain solutions when the equivalence ratio is beyond approximately 3 during the calculation of the premixed combustion zone due to the limitation of the equilibrium model 22 and (b) the gas/fuel mixture prepared for premixed combustion is not homogeneous. Several hot spots would likely develop in this premixed rich combustion and some fuel, especially upstream of zone 3, may not meet oxygen and combust. Therefore, it is assumed that the normalized equivalence ratio, F 3;soc , is 2.5 if the actual value is beyond 2.5.
The remaining fuel left in zone 3, together with the subsequent entrained fuel/gas mixture in this zone, will continue to penetrate and mix with the ambient fresh gas until a diffusion flame forms and the hightemperature diffusion combustion products zone 5 begins to develop. As the last of the premixed air is consumed, the combustion transitions to be purely mixing controlled. The overall process is governed by the mixing-frequency approach.
The diffusion combustion is developed with a mixing-frequency approach described by Barba. 27 The concept of a frequency model was proposed to predict the mixing-controlled flame as
The characteristic mixing frequency f M should be interpreted as a control of the diffusion process. Mixing frequency is considered as the quotient of the characteristic mixing velocity g mix and the characteristic mixing length, l mix . The cubic root of the cylinder volume, overall equivalence ratio and the number of nozzle holes n N are constructed to represent the characteristic mixing length. The characteristic mixing velocity is given by the turbulence in the cylinder. It is composed of the turbulence caused by the injection c G n p 2 and the turbulence caused by the turbulent kinetic energy c k k. The two parameters c G and c k are evaluated as 2.5 and 0.2, respectively, based on Barba's work
The density of turbulent kinetic energy k is expressed based on the conservation of energy
The first part of equation (27) is the kinetic energy of the injected fuel, which can be expressed as
The second part is the dissipation of energy. The prefactors c diss and c spray are given as 0.04 and 0.3, respectively.
Six-zone energy balance
The first law of thermodynamics is applied in order to solve the thermodynamic properties in each zone. The gas entrainment (EGR and air) and fuel mass in each zone can be determined from the spray model and combustion rate model. The instantaneous mass of combustion products in combustion zones are based on the combustion rate model and the amount of consumed fuel and gas masses. The volume of the liquid fuel zone and the vapor fuel zone (zones 1 and 2) is derived from the knowledge of penetration length and spray spreading angle. For the unsteady head vortex including zones 3, 4, and 5, the ideal gas equation is applied to obtain each zone volume. The instantaneous enthalpy and internal energy are derived based on the conservations of energy and mass, and the specific gas constant, molecular mass, and temperatures are calculated.
In the liquid zone (zone 1), the fuel droplets are sprayed and vaporized in a supercritical environment. The high-pressure droplet vaporization involves complex gas absorption, liquid solubility, and liquidvapor equilibrium processes. Although the in-cylinder gas temperature and pressure are typically beyond the fuel critical condition, Siebers 16 indicates that diesel fuel still experiences subcritical vaporization processes. The calculated saturated fuel vapor temperature, T s ; never reaches supercritical conditions. This temperature is considered as the approximate average temperature in zone 1. The instantaneous enthalpy in zone 1 is calculated based on the energy balance
where _ m f;inj t ð Þ and _ m g;1;in t ð Þ represent the fuel and gas enthalpy entrained into zone 1, and _ m f;1À2 ðtÞ and _ m g;1À2 ðtÞ represent the fuel and gas enthalpy flow out of zone 1.
The composition of zone 2 is vapor fuel and gas, with continuous mixing beyond the liquid length. The enthalpy is calculated as shown below. The average temperature of zone 2 is calculated from the instantaneous enthalpy value.
Zone 3 is the pre-ignition mixing zone. Beyond the liftoff length, the well-premixed fuel/gas mixture begins to burn volumetrically in the premixed combustion mode after ignition delay period. And the remaining fuel, together with the subsequent entrained fuel/gas mixture, will burn as a diffusion flame. The overall enthalpy in zone 3 is expressed as Note that the gas entrainment _ m g;3;in t ð Þ is determined from the spray model prior to the start of diffusion combustion. After the onset of the diffusion flame, the high-temperature, low-density gases developed in zone 5 depress the turbulence level and local strain. This stabilizes the diffusion flame, and the turbulent mixing and gas entrainment will be governed by the mixing frequency, as shown in the following equation. The second term on the right-hand side of the following equation implies previously well-mixed gas
In the combustion products zones (zones 4 and 5), some gases entrain combustion products and reach a new equilibrium condition. The phenomenon involves the dilution, oxidization, and energy release of incomplete combustion products. The rate of gas entrainment into combustion products is supposed to be proportional to the zone volume change and instantaneous gas density. C after is the entrainment multiplier
The enthalpies of zones 4 and 5 are expressed as
Zone 6 is the surrounding bulk gas, of which the composition is always air and EGR. The heat transfer and volume are calculated by subtracting the heat transfer and volume in the other five zones from the total heat transfer and cylinder volume, respectively. The temperature in zone 6 can then be determined
Once various zone temperatures are determined, the overall cylinder mass averaged temperature is obtained, and the overall pressure can be determined by using the ideal gas equation. The apparent heat release rate (AHRR) is calculated using the first law of thermodynamics
where the mean ratio of specific heat g is expressed by a well-developed correlation
Numerical solution
The differential equations shown above are solved using the Runge-Kutta method to obtain the instantaneous cylinder conditions (temperature, pressure, volumes, masses, and thermodynamic properties).The current formulation of this simulation is developed using MATLAB. The MATLAB toolbox can provide a sophisticated numerical algorithm, such as the fourthorder Runge-Kutta method, with sufficient accuracy for the approximation of solutions of these ordinary differential equations. A number of internal consistency checks may be used to determine the simulation accuracy. The level of accuracy in this calculation is examined by the introduction of 'computational error'. The error is determined by summing the various energy terms, including the overall internal energy, heat losses, indicated work, fuel enthalpy. The instantaneous cylinder accumulative internal energy change should be equal to the sum of the accumulative change of indicated work, heat losses, and injected fuel enthalpy, as shown in the overall energy balance equation below. Any unbalance would be deemed to be computational error.
Engine specification and data
The simulation results are compared to results from the experiments of a 4.5 l, inline four-cylinder industrial engine carried out by Jacobs et al. 29, 30 Engine specifications are listed in Table 1 . For the implementation of the thermodynamic combustion simulation, the initial conditions including temperature, pressure, and mixture composition at the start of injection (SOI) need to be acquired. This information can be obtained by using a commercial engine cycle simulation program. In this work, the simulation program GT-Power is used to acquire the information. The measured experimental data such as inlet pressure, temperature, and fuel flowrate are considered as inputs for GT-Power. The initial conditions at the SOI are determined and utilized as inputs for the model.
The experiments were first completed for conventional operating conditions. Three different speed and load cases were selected. The cases were 1400 r/min with 50 ft-lbs torque, 1900 r/min with 150 ft-lbs torque, and 2400 r/min with 300 ft-lbs torque. These cases are referred as low speed/load, moderate speed/load, and high speed/load, respectively. Each case has a corresponding injection configuration and EGR level. Table 2 presents these values. The other test mode is the EGR level sweep. The operating point with 1400 rev/min, 50 ft-lbs torque with 1.1% EGR was denoted as the base-case condition. The EGR levels increased from 1.1% up to 49.6%. The injection configuration was held constant, the inlet pressure and inlet temperature were not constrained and varied corresponding to the EGR level, which resulted in different initial conditions for the execution of the simulation. Table 3 shows the operating points with the different EGR levels.
Results and discussion
In this section, the results from the simulation are presented and discussed. First, the empirical coefficients and fuel choices are determined and calibrated by comparison between the calculated and experimental instantaneous pressure during combustion, then the numerical accuracy results are presented. The outputs of the thermodynamic simulation are validated within a range of operating conditions. Finally, the detailed thermodynamic results are discussed.
Model calibration
The principle for choice of the empirical coefficients is the agreement between calculated and experimental cylinder pressure. The empirical coefficients including ignition delay parameters, lift-off length coefficient, and entrainment multiplier into combustion products need to be determined. The calibrated parameters are summarized in Table 4 .
The ignition delay parameters c 1 to c 4 are first determined by checking the experimental onset of combustion crank angle, as indicated by the pressure curves or apparent heat release rates with calculated values for the six operating cases shown in Table 2 and Table 3 . A good match to the experimental pressure curve was obtained with the values listed in Table 4 .
Use of the scaling law for the calculation of lift-off length requires a choice of the empirical coefficient C LO . Lift-off length determines the quantity of fuel and gas prepared for the initial premixed combustion, and thus influences the combustion process. Figure 4 shows the experimental pressure curve and three matched calculated pressure curves with C LO ¼ 0:1 Á 10 7 ; 0:6 Á 10 7 ; and 1:2 Á 10 7 under base case (case number 1). A longer lift-off length slightly affects in-cylinder pressure during the initial combustion, while apparently increases in-cylinder pressure for the rest of combustion. The empirical coefficient C LO ¼ 0:6 Á 10 7 shows the best match. Figure 5 illustrates the major effect of the lift-off length. The longer lift-off length enhances the fuel mass involved in the diffusion combustion, and strengthens the diffusion combustion intensity. The quantity of fuel involved for premixed combustion is reduced correspondingly. The premixed combustion intensity is slightly weakened. This feature results in a slight pressure reduction during the premixed combustion dominated initial phase and a pressure rise during the diffusion combustion dominated later phase. The location of the peak pressure varies correspondingly. 
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The gas entrainment multiplier C after is another parameter to be calibrated. Figure 6 shows the comparison between calculated and experimental pressure curves with C after ¼ 0:3 Á 10 À6 ; 1:3 Á 10 À6 ; and 2:3 Á 10 À6 under base case. More gas entrainment results in larger in-cylinder pressures after the initial premixed combustion. The influence of gas entrainment into the combustion products is clearly shown in Figure 7 . The gas entrainment dilutes diffusion combustion products, which leads to reduced product temperatures. The fuelrich combustion product temperatures, on the contrary, increase since more gas entrainment increases the oxidation rate and thereby releases more energy of the incomplete combustion products during the combustion phase. The empirical coefficient C after ¼ 1:3 Á 10
is found to provide the best agreement. It is noted that the constant C LO profoundly affects the location of the peak pressure, while the constant C after has a higher effect on the intensity of the initial rapid pressure raise rate. Bearing this in mind, the constant C LO was first tuned to achieve the best agreement on the location of the peak pressure. Then, C after was adjusted to achieve the best fit.
The last examined parameter is the substituted fuel. As mentioned before, both n-heptane and n-dodecane are often used for approximations of actual diesel fuel. Figure 8 presents the calculated in-cylinder pressure and absolute difference with n-heptane and n-dodecane as the substituted fuel, respectively. The maximum difference is less than 2.2%. This appears to be a result of some differences in the fuel properties and composition. However, the tolerable discrepancy illustrates that both fuels can be considered as approximations for actual diesel fuel. In this work, all the following results are calculated with n-heptane as the substituted fuel. Figure 9 shows the calculated pressure (equation (38) angle using the selected empirical coefficients for the base case (case 1). A few of the significant events are denoted. These include the start and end of injection (SOI, EOI), the start and end of combustion (SOC, EOC), the start of the diffusion flame (SOD) and the end of premixed combustion (EOP). The numbers within the parentheses correspond to the crank angle. The crank angles denoted for EOP and EOC are calculated when the premixed and diffusion fuel burn rates are less than 10 À8 kg=s. The use of Watson and Barba's empirical combustion rate model results in a small amount of unburned fuel. In this work, the burn rate of less than 10 À8 kg=s (0.05% total fuel), which is sufficiently small, is deemed as the end of premixed or diffusion combustion.
As shown, the calculation starts from SOI, the pressure increases first before combustion due to the compression work, and then decreases slightly due to the fuel evaporation. This phenomenon corresponds to the negative heat release rate. The commencement of combustion of the well-premixed fuel-rich mixture leads to an intensive heat release rate, as well as a rapid pressure increase. The SOD occurs when the heat release rate curve reaches a local maximum. After a few crank angles, fuel injection stops and the initial premixed burn stops. The second, mixing-controlled combustion begins to dominate until the EOC.
Numerical accuracy of results
The numerical solution would lead to some deviations. To implement a high level of accuracy in this simulation, the computational time-step size is examined. Figure 10 shows the maximum pressure as a function of the time step for the part-load base-case condition (case number 1).
Fluctuations were noted when the time step is greater than 0.25 crank angle degrees (°CA). Larger time steps cause more unstable results, and if the time step is larger than 0.6°CA, the calculated cylinder pressure has strong fluctuations due to inaccurate solution of the differential equations and the fact that important features are missing (i.e. the lift-off length is close to the liquid length under this condition).The time step selected for this work is 0.2°CA, which is shown to be small enough such that the solution is independent of time step.
An internal consistency check is used by applying the overall energy balance (equation (41)). Figure 11 presents the absolute error as a function of crank angle. Two major peaks of errors are observed at the injection and initial premixed combustion phases with 0.26% and 0.45%, respectively. Instant fuel injection and volumetric combustion causes instantaneous rapid variation of the cylinder thermodynamic properties, which may affect the calculation accuracy of the differential equations. As time proceeds, the absolute error gradually goes down to 0.06%.
Model validation
After calibration of the empirical coefficients and rigorous evaluation of numerical accuracy, the calculated cylinder pressure and AHRR were checked against experimental data. Figures 12 to 14 show that the calculated cylinder pressure and AHRR match the experimental data with fairly good agreement under conventional combustion modes. During the ignition delay period, however, the negative heat release predicted in this model is smaller than that from experiments. It is believed that the lack of a cool flame calculation may contribute to this inaccuracy in the model. Besides the lack of cool flame calculation, the calculated results overestimate the peak value of premixed combustion heat release while underestimating that for the diffusion combustion under some cases. The calculated pressure is smoother than the experimental data. Some discrepancy appears during the late part of combustion. The cause of these discrepancies result from the following. (1) The assumption of a free fuel jet without interaction with the cylinder wall. The fuel jet impingement causes the quench layers with some amount of unburned hydrocarbon, which may reduce the premixed combustion. (2) The inaccuracy of the spray model. The applications of non-vaporizing fuel spray penetration correlations ignore the effect of vaporization, which could reduce the fuel penetration and cause more fuel to be involved in diffusion combustion. (3) The estimation of the injection profile. The knowledge of only the injection voltage leads to some inaccuracy of the injection profile, which may influence the AHRR prediction. Figures 15 to 17 show the pressure and AHRR comparisons for different EGR levels. The dilution effect of EGR combined with lower inlet pressure and volumetric efficiency decreases the cylinder pressure and retards the combustion phase. The results show good agreement between the model and experimental data. The calculated heat release rate presents a more rapid premixed combustion compared to the experimental data, particularly under high EGR level conditions. It is because the air/fuel mixture is not completely homogeneous in the premixed combustion zone, as explained previously. In some hot spots, the fuel meets the oxygen and burns rapidly, while in some spots, the fuel does not meet the oxygen and tends to burn in a diffusion combustion mode in zone 5. This phenomenon becomes more important with decreased availability of oxygen under high EGR conditions.
By checking the thermodynamic simulation outputs against the results obtained from experiments, some discrepancies were discovered, and the reasons were discussed. However, these discrepancies were found to be acceptable, and the model was considered to be valid for the accurate prediction of the experimental engine results within acceptable tolerances. In the following section, more detailed local information and thermodynamic properties are presented.
Detailed thermodynamic analysis
In this section, a detailed thermodynamic analysis of the DI diesel combustion process is presented. For the purpose of investigating the typically heterogeneoustype combustion system, this model provides a detailed assessment of the fuel spray process, evaporation of the directly injected fuel, start of combustion, and eventual heat release. The complete description of these mechanisms could uncover several important fundamental insights of the DI combustion system, both for the conventional combustion and high EGR level combustion. The engine is operated at 1400 r/min, part load with 1.1% EGR, 15.0% EGR, 30.7% EGR, and 49.6% EGR (cases 1, 4, 5, and 6). These cases were selected to investigate the thermodynamics of combustion with the increase of EGR level. Note that there is an accompanying increase of the inlet temperature by 40 K when the EGR level is 49.6%. Figure 18 shows the instantaneous temperatures in each zone and the cylinder averaged temperature for case 1. Figure 19 presents the corresponding stoichiometry of the mixture (equivalence ratio) in each zone. The SOC, SOD, and EOC are noted. Zone 1 is the liquid zone where the fuel/gas mixture is extremely rich. Therefore, Figure 19 excludes the equivalence ratio of zone 1. The average temperature in this zone represents the fuel droplet saturated temperature under the supercritical condition. The temperature of zone 2 goes up to around 700 K, with the hot gas entrainment mixed with the fuel vapor. The average equivalence ratio ranges between 4 and 6. The mixture temperature continues to increase with fuel penetration and gas entrainment in zone 3, and at the SOC, the equivalence ratio of the well-premixed mixture is reduced down to 2.7, and the temperature reaches approximately 750 K, which is sufficient for the fuel-rich mixture to auto-ignite. The rapid consumption of the premixed oxygen due to the volumetric premixed combustion and subsequent entrained fuel-rich mixture from zone 2 leads to a rise of equivalence ratio in zone 3. After 1 to 2°CA, the diffusion flame forms. As the combustion gradually transitions to be mixing controlled, the temperature and equivalence ratio of the mixture in zone 3 tends to be stable until the EOC.
The rich premixed combustion produces a great amount of combustible materials such as carbon monoxide and unburned hydrocarbon in zone 4 due to the high equivalence ratio, which results in a relatively lower temperature. Soot formation is considered to mainly occur in this fuel-rich, low combustion temperature environment. The oxidation process in zone 4 reduces the equivalence ratio and releases the energy of the incomplete combustion products, and causes a slight increase of zone 4 temperature. Zone 5 shows the highest temperature that results from the mixingcontrolled diffusion flame. The gas entrainment into the combustion products, in contrast, dilutes the diffusion flame products, resulting in a lower mixture equivalence ratio, and thereby gradually reduces temperature of zone 5. The high product temperature, combined with the available source of oxygen, provides an ideal environment for both thermal NO production and soot formation processes. Figure 20 illustrates the effects of EGR on the zone and average cylinder temperature for cases 1, 4, 5, and 6. As shown in Figure 20 , the higher EGR level significantly reduces the combustion temperature in zones 4 and 5 due to the dilution effect of EGR. Under the 49.6% EGR level, the temperature of zone 5 is reduced below 2200 K (Figure 20(b) ). This phenomenon substantially suppresses the production of the thermal NO emissions and soot oxidation. calculated average cylinder temperature for the different cases. The average temperature shows the highest peak value for 15.0% EGR due to the increased inlet temperature. As more EGR is added to the cylinder, excess diluents play a more crucial role, which lowers the averaged cylinder temperature. Figure 21 shows the calculated carbon monoxide gas mass in the fuel-rich combustion products zone 4 for different EGR levels. Rapid production of this incomplete combustion material due to the volumetric premixed combustion is illustrated. The subsequent diminishment corresponds to the reduced equivalence ratio and oxidation process. A higher EGR level leads to less oxygen entrained into the fuel-rich combustion products in zone 4, lowers the oxidation of incomplete combustion products, and some carbon monoxide may never be oxidized so that these products are emitted into the environment. Figure 22 shows the total heat transfer rate as a function of crank angle under different EGR levels. The highest heat transfer rate occurs at about 10°after top dead center for each case. Increasing the EGR reduces the cylinder heat losses due to the lower cylinder pressure and temperature. The lower heat losses are considered one of the major reasons for the thermal efficiencies improvement for LTC operation. 31 The next set of results is based on examining the fuel combustion for different EGR levels. Figure 23 presents the instantaneous fuel mass in zone 3 ( Figure  23(a) ) and premixed fuel burn rate (Figure 23(b) ). The SOC is denoted by the circles shown in Figure 23(a) . The fuel mass in zone 3 is calculated from the difference between entrained fuel and consumed fuel. After the SOC, the fuel mass entrained into zone 3 is consumed as premixed and subsequent diffusion combustion mode until the EOC. By introducing more EGR into the cylinder, the ignition delay period is prolonged so that more fuel is injected into the cylinder and mixed with the hot gases. The combustion phasing is shifted later. Although more fuel is mixed with the hot gas before the SOC, the premixed burn rate still slows down (Figure 23(b) ) under high EGR levels. In addition, the combustion duration is extended with the increase of EGR levels.
There is an important feature in Figure 23 that is shown in Figure 24 . Figure 24 provides the lift-off length, liquid length, ambient oxygen mole fraction, and the local equivalence ratio at lift-off length location (f (LOL)) for different EGR levels. The lift-off length is inversely proportional to the ambient oxygen mole fraction. The lift-off length is prolonged from 2.09 cm up to 4.29 cm with the increase of EGR from 1.1% to 49.6%. The fuel mass involved in premixed combustion is derived from the mutual offset between the ignition delay and lift-off length. As indicated by the circles in Figure 23(a) , which show the fuel mass in zone 3 at the SOC, the initial increase of EGR level (i.e. cases 4 and 5) prolongs the ignition delay, which allows more fuel to get involved in the premixed combustion and leads to intensive volumetric combustion. Under heavy EGR levels (i.e. case 6), however, the substantial extension of the lift-off length prohibits the further increase of the amount of fuel involved in the premixed combustion zone due to the postponement of the SOC. This phenomenon, combined with the extension of the combustion duration, explains the reason why the heavy EGR levels can reduce the pressure rise rate, as indicated in many experiments. 32, 33 As stated before, the lift-off length is of particular importance since it is where the initial soot formation appears. The tendency of f(LOL) as a function of EGR level indicates that, although ambient oxygen concentration decreases, the extension of lift-off length makes more gas mix with the fuel vapor at the upstream of lift-off under heavy EGR levels, which contributes to the reduction of soot formation combined with the decrease of combustion temperature. This behavior agrees with the experimental trend shown by Pickett and Siebers.
19 Figure 25 shows the mass of the combustion products in zones 4 and 5. The EOP and the EOC are highlighted by the circles. The rapid increase of fuel-rich combustion products in zone 4 is attributed to the prompt volumetric premixed combustion ( Figure  25(a) ), while the mixing-controlled diffusion combustion is relatively slow and mild, as shown in Figure  25 (b). The continuous increase of product mass after the end of premixed/overall combustion in zones 4 and 5 implies the gas entrainment into combustion products. Higher EGR levels promote the ignition delay period and leads to longer fuel jet penetration length. This feature profoundly increases the well-premixed gas mass (especially additional entrained inerts, although fuel mass may be reduced under heavy EGR levels) in zone 3 before the SOC, which leads to a larger fuel-rich combustion produces mass. The high-temperature diffusion combustion products are correlated with the involved fuel mass in zone 5, as well as stoichiometric gas to fuel mass ratio.
Summary and conclusions
A comprehensive thermodynamic simulation for the combustion process of DI engines was developed. A typical medium-duty diesel engine was selected for this study. The combustion chamber was divided into six zones to account for the surrounding bulk gas, liquidphase fuel, vapor-phase fuel, pre-ignition mixing, fuelrich combustion products, as well as the diffusion flame combustion products. Both calibration and validation were completed by comparisons between measured and calculated cylinder pressure under different operating conditions. This developed multi-zone thermodynamic phenomenological model was demonstrated to be able to offer some important features and local information on the diesel engine combustion process. Finally, the characteristics of DI engine combustion process under different EGR levels were investigated and discussed. Specific conclusions and perspectives include the following.
1. The new multi-zone combustion simulation based on Dec's conceptual model presents good agreement between the experimental and calculated results. 2. The detailed local thermodynamic properties and energy mass distribution obtained from the simulation provide some new insights into heterogeneoustype combustion systems. The information is crucial for the analysis of emission trends and the understanding of specific combustion process with various EGR levels, speed, and load conditions, and thereby offers a convenient access for researchers to conduct a parametric study accurately. 3. Under the conventional combustion model with extremely low EGR levels, the diffusion combustion product temperature is around 2500 K, and gradually decreases with the dilute effect of gas entrainment and heat transfer. The fuel-rich combustion product temperature is around 1700 K, and increases with the continuous oxidation process. 4. The dilute effect of EGR on the fuel jet evolution has been clearly presented. The different mixture composition, temperature, and mass of each zone with increasing EGR levels can serve as critical indicators to fundamentally explain the reduced heat losses, suppressed soot oxidation, and thermal NO formation, as well as the increased incomplete combustion products emissions. 5. The lift-off length can be prolonged by up to approximately twice when the EGR level increases from 1.1% to 49.6%. Longer lift-off length diminishes the combustible mixture for the volumetric premixed combustion, and combined with the extension of the combustion duration, contributes to the suppression of pressure rise rate under heavy EGR level conditions. Meanwhile, longer lift-off length leads to more gas mix with the fuel vapor at the location of lift-off, which is deemed as an important contributor to the reduction of soot emissions. 6. Some approximations in the simulation development include: (a) the free fuel jet without swirl and wall interactions, (b) the non-vaporizing fuel spray penetration correlation was applied to calculate the fuel spray model, and (c) the cool flame was neglected. These assumptions cause some discrepancies, and further improvements can be conducted from these aspects. 
